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Abstract

The finite difference method in conjunction with the least-squares scheme and the experimental temperature data is

proposed to predict the average heat transfer coefficient and the fin efficiency on the fin inside one-tube plate finned-tube

heat exchangers for various air speeds and the temperature difference between the ambient temperature and the tube

temperature. Previous works showed that the heat transfer coefficient on this rectangular fin is very non-uniform. Thus

the whole plate fin is divided into several sub-fin regions in order to predict the average heat transfer coefficient and the

fin efficiency on the fin from the knowledge of the fin temperature recordings at several selected measurement locations.

The results show that the surface heat flux and the heat transfer coefficient on the upstream region of the fin can be

markedly higher than those on the downstream region. The fin temperature distributions depart from the ideal isother-

mal situation and the fin temperature decreases more rapidly away from the circular center, when the frontal air speed

increases. The average heat transfer coefficient on the fin increases with the air speed and the temperature difference

between the ambient temperature and the tube temperature. This implies that the effect of the temperature difference

between the tube temperature and the ambient temperature is not negligent.

� 2005 Elsevier Ltd. All rights reserved.
1. Introduction

The fins in heat exchangers are always applied to in-

crease the heat flow per unit of basic surface. The anal-

ysis of a continuous plate fin pierced by a regularly

spaced array of circular tubes in staggered and in-line ar-

rays has many engineering applications. In order to sim-

plify the problem considered, the calculation of the

standard fin efficiency usually assumes that the heat

transfer coefficient is constant over the plate fin. Many

investigators [1–3] also applied various analytical and
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numerical methods to obtain the fin efficiency under

the assumption of the uniform heat transfer coefficient.

However, it is well known that there exists a very

complex flow pattern within a plate finned-tube heat ex-

changer due to its three-dimensional nature and flow

separations. The flow accelerates around the tube and

forms a low-velocity wake region behind the tube. This

causes local variations of the heat transfer coefficient,

as shown in Refs. [4–7]. Jones and Russell [4], Saboya

and Sparrow [5], Rosman et al. [6] and Ay et al. [7] dem-

onstrated that there exists the great variation of the heat

transfer rate on the fin inside a plate finned-tube heat ex-

changer. On the other hand, the heat transfer coefficient

on the fin is very non-uniform. This also implies that the

actual steady-state heat transfer coefficient on the fin
ed.
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Nomenclature

Af area of the whole plate fin, m2

Aj area of the jth sub-fin region, m2

[A] global conduction matrix

do outer diameter of a tube, m

[F] force matrix

h local heat transfer coefficient, W/m2 K
�h unknown average heat transfer coefficient

on the whole plate fin, W/m2 K
�hj unknown average heat transfer coefficient

on the jth sub-fin region, W/m2 K

k thermal conductivity of the fin, W/m K

L side length of a square plate fin, m

‘ distance between two neighboring nodes in

the x- and y-directions

m dimensionless parameter defined in Eq. (5)

�mj unknown dimensionless parameter on the

jth sub-fin region defined in Eq. (10)

N number of temperature measurements on

the fin

Nx number of nodes in the x-direction

Ny number of nodes in the y-direction

Q total heat flux dissipated from the whole

plate fin, W

qj heat flux dissipated from the jth sub-fin

region, W

Red Reynolds number

ro outer radius of the circular tube, m

S1 outer boundary surface of the circular tube

T temperature

Tj temperature measurement on the jth sub-fin

region

To outer surface temperature of the circular

tube

T1 ambient temperature

DT temperature difference, To � T1
Vair frontal air speed, m/s

X, Y spatial coordinates, m

x, y dimensionless spatial coordinates

Greek symbols

d fin thickness

gf fin efficiency

m kinematic viscosity of the air, m2/s

h temperature difference, T � T1
[h] global temperature matrix

Superscripts

cal calculated value

mea measured data
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inside a plate finned-tube heat exchanger should be the

function of position. As shown in Ref. [8], the measure-

ments of the local heat transfer coefficient on plain fins

under steady-state heat transfer conditions are very dif-

ficult to perform, since the local fin temperature and

local heat flux are required. Thus the estimation of a

more accurate heat transfer coefficient on the fin is an

important task for the device of the high-performance

heat exchangers.

Quantitative studies of the heat transfer processes

occurring in the industrial applications require accurate

knowledge of the surface conditions and the thermal

physical quantities of the material. It is well known

that these physical quantities and the surface conditions

can be predicted using the temperature measurements

inside the material. Such problems are called the inverse

heat conduction problems and have become an inter-

esting subject recently. To date, various inverse methods

in conjunction with the measured temperatures inside

the material have been developed for the analysis of

the inverse heat conduction problems [9,10]. However,

to the authors� knowledge, a few investigators per-

formed the prediction of the local heat transfer coeffi-

cients on the fin inside the plate finned-tube heat

exchangers.
Maillet et al. [11] applied the analytical and boundary

element methods to predict the heat transfer coefficient

on a cylinder. Lin et al. [12,13] used the finite-difference

method in conjunction with the linear least-squares

scheme to estimate the space-variable heat transfer coef-

ficient on a heated cylinder normal to the laminar and

turbulent air streams. Owing to the requirement of the

local fin temperature measurements, the estimations of

the local heat transfer coefficients on the plate fin under

steady-state heat transfer conditions are generally more

difficult than that on the boundary surface of a physical

geometry, as shown in Refs. [11–13]. Thus a few

researchers predicted the distribution of the local heat

transfer coefficients on a plate fin [4–7,14]. Jones and

Russell [4] applied the transient technique to determine

the local heat transfer coefficient on the rectangular fin

pierced by an elliptical steel tube and then the finite

element method was used to calculate its fin efficiency.

Saboya and Sparrow [5] and Rosman et al. [6] cast solid

naphthalene plates in the form of a plate-fin-and-tube

flow passage and used mass transfer techniques to infer

the local heat transfer coefficients from the heat-mass

transfer analogy. The local mass transfer coefficients

were defined by measuring the thickness of naphthalene

lost by sublimation during a timed test run. Recently,
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Fig. 1. Schematic diagram of one-tube plate fin heat exchanger.
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Fig. 2. Physical geometry of two-dimensional plate fin with a

circular tube.
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Ay et al. [7] performed an experimental study with the

infrared thermovision to monitor the temperature distri-

bution on a plate-fin surface inside the plate finned-tube

heat exchangers, and then the local heat transfer coeffi-

cients on the tested fin can be determined using the ob-

tained experimental temperature measurements. Huang

et al. [14] applied the steepest descent method and a gen-

eral purpose commercial code CFX4.4 to estimate the

local heat transfer coefficients for the plate finned-tube

heat exchangers based on the simulated measured tem-

perature distributions on the fin surface by infrared ther-

mography. However, the difference of the local heat

transfer coefficients in the wake and frontal regions of

the tube and the fin efficiency on the fin inside the plate

finned-tube heat exchangers were not shown in the

works of Ay et al. [7] and Huang et al. [14]. Sometimes,

it is maybe difficult to measure the temperature distribu-

tions on the fin of plate finned-tube heat exchangers

using the infrared thermography and the thermocouples

for some practical heat transfer problems. Under the cir-

cumstance, the present scheme can be introduced for

such problems.

The inverse analysis of the present study is that the

whole fin area is divided into several analysis sub-fin re-

gions and then the fin temperatures at these selected

measurement locations are measured using K-type ther-

mocouples. Afterwards, the finite difference method in

conjunction with these temperature measurements and

the least-squares method is applied to predict the aver-

age heat transfer coefficients on these sub-fin regions.

Furthermore, the average heat transfer coefficient on

the whole plate fin �h and the fin efficiency can be ob-

tained for various frontal air speeds under the given

conditions of the ambient temperature and the tube

temperature.

The advantage of the present study is that the gov-

erning differential equations for the airflow do not need

to be solved. In this study, the effect of the temperature

difference between the ambient temperature and the tube

temperature on the estimation of the �h value will be

investigated. The computational procedure for the esti-

mates of the heat transfer coefficients on each sub-fin re-

gion is performed repeatedly until the sum of the squares

of the deviations between the calculated and measured

temperatures becomes minimum.
2. Mathematical formulation

The schematic diagram of the one-tube plate fin heat

exchanger is shown in Fig. 1. Fig. 2 shows the physical

model of the two-dimensional thin plate fin inside a

one-tube plate fin heat exchanger, where ro, L and d de-

note the outer radius of the circular tube, the side length

of the square plane fin and the fin thickness, respectively.

The circular tube is located at (L/2,L/2). To and T1
respectively denote the surface temperature of the circu-

lar tube and the ambient temperature. Owing to the thin

fin behavior, the temperature gradient in the z-direction

(the fin thickness) is small and the fin temperature varies

only in the X- and Y-directions. The ‘‘insulated tip’’

assumption can be an adequate approximation provided

that the actual heat flux dissipated through the tip is

much smaller than the total heat flux drawn from the

base wall. It can be found from the works of Jones

and Russell [4], Saboya and Sparrow [5], Rosman

et al. [6] and Ay et al. [7] that the heat transfer coefficient

on the fin inside the plate fin heat exchangers is very

non-uniform. Thus the heat transfer coefficient h(X,Y)

in the present study is also assumed to be non-uniform.

The heat transfer coefficient on the fin inside a plate

finned-tube heat exchanger can be estimated provided

that the fin temperatures at various measurement
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locations can be measured. Under the assumptions of

the steady state and the constant thermal properties,

the two-dimensional heat conduction equation for the

continuous thin fin inside a plate finned-tube heat ex-

changer can be expressed as

o2T

oX 2
þ o2T

oY 2
¼ 2hðX ; Y Þ

kd
ðT � T1Þ ð1Þ

Its corresponding boundary conditions are

oT
oX

¼ 0 at X ¼ 0 and X ¼ L ð2Þ

oT
oY

¼ 0 at Y ¼ 0 and Y ¼ L ð3Þ

T ¼ T o ðX ; Y Þ on S1 ð4Þ

where T is the fin temperature. X and Y are Cartesian

coordinates. S1 denotes the boundary of the circular

tube with radius ro. k is the thermal conductivity of

the fin.

For convenience of the inverse analysis, the following

dimensionless parameters are introduced as

x ¼ X=L; y ¼ Y =L and mðx; yÞ ¼ 2L2hðx; yÞ
kd

ð5Þ

Substitution of Eq. (5) into Eqs. (1)–(4) gives the follow-

ing equations.

o2h
ox2

þ o2h
oy2

¼ mðx; yÞh ð6Þ

oh
ox

¼ 0 at x ¼ 0 and x ¼ 1 ð7Þ

oh
oy

¼ 0 at y ¼ 0 and y ¼ 1 ð8Þ

and

h ¼ 0 ðx; yÞ on S1 ð9Þ

where h = T � T1.
3. Numerical analysis

In the present study, the whole plate fin is divided

into N sub-fin regions. The heat transfer coefficient on

each sub-fin region is assumed to be constant. Thus

the application of the finite difference method to Eq.

(6) can produce the following difference equation on

the kth sub-fin region as

hiþ1;j � 2hi;j þ hi�1;j

‘2
þ hi;jþ1 � 2hi;j þ hi;j�1

‘2

¼ �mkhi;j for k ¼ 1; 2; . . . ;N ð10Þ

where ‘ is the distance between two neighboring nodes in

the x- and y-directions and is defined as ‘ = 1/(Nx � 1) =
1/(Ny � 1), where Nx and Ny are the nodal numbers in

x- and y-directions, respectively. �mk denotes the

unknown dimensionless parameter on the kth sub-fin

region and is defined as �mk ¼ 2L2�hk=ðkdÞ, where �hk de-

notes the average heat transfer coefficient on the kth

sub-fin region.

The application of the central difference approxima-

tion to the boundary conditions (7) and (8) can yield

their approximate forms as

h2;j ¼ h0;j and hNx�1;j ¼ hNxþ1;j

for j ¼ 1; 2; . . . ;Ny ð11Þ

hi;2 ¼ hi;0 and hi;Ny�1 ¼ hi;Nyþ1

for i ¼ 1; 2; . . . ;Nx ð12Þ

Substitution of Eqs. (11) and (12) into their correspond-

ing difference equations can obtain the difference equa-

tions at the boundary surfaces as

2h2;j � 2h1;j
‘2

þ h1;jþ1 � 2h1;j þ h1;j�1

‘2
¼ �mkh1;j

for k ¼ 4; 5; 6 ð13Þ

�2hNx ;j þ 2hNx�1;j

‘2
þ hNx ;jþ1 � 2hNx ;j þ hNx ;j�1

‘2
¼ �mkhNx ;j

for k ¼ 1; 2; 3 ð14Þ

hiþ1;1 � 2hi;1 þ hi�1;1

‘2
þ 2hi;2 � 2hi;1

‘2
¼ �mkhi;1

for k ¼ 1; 4 ð15Þ

and

hiþ1;Ny � 2hi;Ny þ hi�1;Ny

‘2
þ
�2hi;Ny þ 2hi;Ny�1

‘2
¼ �mkhi;Ny

for k ¼ 3; 6 ð16Þ

It can be found from Refs. [3,15] that the boundary of

the circular tube may be approximated in terms of a

Cartesian coordinate system. Thus a more accurate

modified difference equation based on this technique will

be constructed in the present study.

The difference equations for the nodes at the interface

of two neighboring sub-fin regions, as shown in Fig. 3,

can be expressed as

hiþ1;j � 2hi;j þ hi�1;j

‘2
þ hi;jþ1 � 2hi;j þ hi;j�1

‘2

¼ �mk þ �mkþ1

2
hi;j ð17Þ

Rearrangement of Eq. (10) and Eqs. (13)–(17) in con-

junction with the difference equations in the neighboring

of the circular tube can yield the following matrix

equation.

½A�½h� ¼ ½F � ð18Þ
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Fig. 3. Nodes for the interface of two-neighboring sub-fin

areas.
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where [A] is a global conduction matrix. [h] is a matrix

representing the nodal temperatures. [F] is a force ma-

trix. The nodal temperatures can be obtained from Eq.

(18) by using the Gauss elimination method.

However, it is maybe difficult to measure the temper-

ature distributions on the whole plate fin using the infra-

red thermography and the thermocouples for some

practical heat transfer problems. Relatively, the un-

known local heat transfer coefficient on the fin h(x,y)

is not easy to be obtained. Under this circumstance,

the whole plate fin considered can be divided into several

sub-fin regions in the present inverse scheme and then

the unknown heat transfer coefficient on each sub-fin re-

gion can be approximated by a constant value. Under

this assumption, the heat flux dissipated from this sub-

fin region qj is

qj ¼ �hj

Z
Ai

ðT � T1ÞdA for j ¼ 1; 2; . . . ;N ð19Þ

The average heat transfer coefficient on the whole plate

fin �h can be expressed as

�h ¼
XN
j¼1

�hjAj=Af ð20Þ

where N is the total number of the sub-fin regions. Af is

the area of the whole plate fin.

The efficiency of the continuous plate fin gf is defined
as the ratio of the actual heat transfer from the contin-

uous plate fin to the dissipated heat from the fin main-

tained at the tube temperature To. Thus the fin

efficiency gf can be expressed as
gf ¼

PN
j¼1

qj

AfðT o � T1Þ�h
ð21Þ

The total heat flux dissipated from the whole plate fin to

the ambient Q can be written as

Q ¼
XN
j¼1

qj ¼ gfAf ð22Þ

In order to estimate the unknown heat transfer coeffi-

cient on the jth sub-fin region �hj, the additional informa-

tion of the steady-state temperature measurements is

required at N interior measurement locations. The more

a number of the sub-fin regions are, the more accurate

the estimation of the unknown average heat transfer

coefficient on the whole plate fin is. Relatively, a more

computational time can be required. In the present

study, K-type thermocouples are used to record the

temperature information at selected measurement loca-

tions. The temperature measurement taken from the

jth thermocouple at the measurement location xj is

denoted by Tmea
j ðj ¼ 1; . . . ;NÞ, as shown in Tables 1

and 2.

The least-squares minimization technique is applied

to minimize the sum of the squares of the deviations be-

tween the calculated temperatures and the temperature

measurements at selected measurement locations. The

error in the estimates Eð�m1; �m2; . . . ; �mN Þ will be mini-

mized. Eð�m1; �m2; . . . ; �mN Þ is defined as

Eð�m1; �m2; . . . ; �mN Þ ¼
XN
j¼1

½hcalj � hmea
j �2 ð23Þ

where the unknown average heat transfer coefficient on

each sub-fin region hi, i = 1,2, . . . ,N, can be obtained

from the definition of �mi. The calculated temperature

at x ¼ xj; h
cal
j , is taken from Eq. (18). The temperature

hmea
j is defined as hmea

j ¼ Tmea
j � T1.

The estimated values of �mi, i = 1,2, . . . ,N, are deter-

mined until the value of Eð�m1; �m2; . . . ; �mN Þ is minimum.

The computational procedures for estimating the �mi

value, i = 1,2, . . . ,N, are described as follows.

First, the initial guesses of �mi, i = 1,2, . . . ,N, are arbi-

trarily chosen. Accordingly, the calculated temperature

at x = xj, hcalj , can be determined. Deviation of hmea
j

and hcalj , ej, is expressed as

ej ¼ hcalj � hmea
j for j ¼ 1; 2; . . . ;N ð24Þ

The new calculated temperature hcal;nj can be expanded in

a first-order Taylor series as

hcal;nj ¼ hcalj þ
XN
i¼1

ohcalj

o�mi
d�mi for j ¼ 1; 2; . . . ;N ð25Þ

In order to obtain the
ohcalj

o�mi
value, the new estimated value

�m�
i is introduced and is expressed as



Table 1

Temperature measurements and the present estimates for various Vair values, To = 59.6 �C and T1 = 25.6 �C

Vair = 1 m/s Vair = 2 m/s Vair = 3 m/s Vair = 4 m/s Vair = 5 m/s

Tmea
j (�C) Tmea

1 ¼ 42:3 Tmea
1 ¼ 39:8 Tmea

1 ¼ 38:0 Tmea
1 ¼ 36:8 Tmea

1 ¼ 35:8

Tmea
2 ¼ 46:0 Tmea

2 ¼ 41:4 Tmea
2 ¼ 39:8 Tmea

2 ¼ 39:5 Tmea
2 ¼ 37:8

Tmea
3 ¼ 41:7 Tmea

3 ¼ 38:8 Tmea
3 ¼ 36:0 Tmea

3 ¼ 35:2 Tmea
3 ¼ 34:2

Tmea
4 ¼ 38:5 Tmea

4 ¼ 36:1 Tmea
4 ¼ 34:6 Tmea

4 ¼ 33:2 Tmea
4 ¼ 32:7

Tmea
5 ¼ 36:1 Tmea

5 ¼ 35:4 Tmea
5 ¼ 32:3 Tmea

5 ¼ 31:3 Tmea
5 ¼ 30:8

Tmea
6 ¼ 35:6 Tmea

6 ¼ 34:9 Tmea
6 ¼ 30:3 Tmea

6 ¼ 30:1 Tmea
6 ¼ 30:0

�hj (W/m2 K) �h1 ¼ 12:9 �h1 ¼ 11:72 �h1 ¼ 15:37 �h1 ¼ 19:68 �h1 ¼ 20:01
�h2 ¼ 6:19 �h2 ¼ 18:13 �h2 ¼ 20:55 �h2 ¼ 19:63 �h2 ¼ 26:73
�h3 ¼ 13:88 �h3 ¼ 14:67 �h3 ¼ 22:76 �h3 ¼ 27:33 �h3 ¼ 28:62
�h4 ¼ 2:75 �h4 ¼ 10:32 �h4 ¼ 5:52 �h4 ¼ 7:00 �h4 ¼ 6:68
�h5 ¼ 60:15 �h5 ¼ 64:71 �h5 ¼ 98:98 �h5 ¼ 120:96 �h5 ¼ 134:73
�h6 ¼ 13:24 �h6 ¼ 14:36 �h6 ¼ 32:47 �h6 ¼ 31:27 �h6 ¼ 30:62

qj · 10�4 (W) q1 = 4020 q1 = 3329 q1 = 4137 q1 = 4982 q1 = 4907

q2 = 2157 q2 = 5881 q2 = 6363 q2 = 5972 q2 = 7897

q3 = 4071 q3 = 3945 q3 = 5228 q3 = 6046 q3 = 6107

q4 = 796 q4 = 2607 q4 = 1375 q4 = 1628 q4 = 1530

q5 = 17,707 q5 = 18,350 q5 = 26,437 q5 = 31,545 q5 = 34,815

q6 = 3248 q6 = 3399 q6 = 6170 q6 = 5790 q6 = 5606

�h (W/m2 K) 17.76 21.77 31.83 36.71 40.1

Q · 10�4 (W) 31,999 37,511 49,710 55,963 60,861

gf 61% 58% 53% 51% 51%

Table 2

Temperature measurements and the present estimates for various Vair values, To = 69.5 �C and T1 = 26.5 �C

Vair = 1 m/s Vair = 2 m/s Vair = 3 m/s Vair = 4 m/s Vair = 5 m/s

Tmea
j (�C) Tmea

1 ¼ 45:0 Tmea
1 ¼ 42:1 Tmea

1 ¼ 39:8 Tmea
1 ¼ 38:8 Tmea

1 ¼ 37:6

Tmea
2 ¼ 49:2 Tmea

2 ¼ 46:2 Tmea
2 ¼ 43:4 Tmea

2 ¼ 42:4 Tmea
2 ¼ 40:1

Tmea
3 ¼ 44:5 Tmea

3 ¼ 41:8 Tmea
3 ¼ 38:8 Tmea

3 ¼ 37:3 Tmea
3 ¼ 35:4

Tmea
4 ¼ 41:2 Tmea

4 ¼ 36:8 Tmea
4 ¼ 36:3 Tmea

4 ¼ 35:0 Tmea
4 ¼ 33:0

Tmea
5 ¼ 38:0 Tmea

5 ¼ 33:7 Tmea
5 ¼ 33:0 Tmea

5 ¼ 31:8 Tmea
5 ¼ 31:1

Tmea
6 ¼ 37:1 Tmea

6 ¼ 33:5 Tmea
6 ¼ 32:5 Tmea

6 ¼ 31:1 Tmea
6 ¼ 30:3

�hj (W/m2 K) �h1 ¼ 14:89 �h1 ¼ 18:28 �h1 ¼ 21:68 �h1 ¼ 23:87 �h1 ¼ 23:28
�h2 ¼ 10:81 �h2 ¼ 15:69 �h2 ¼ 21:69 �h2 ¼ 23:54 �h2 ¼ 23
�h3 ¼ 15:39 �h3 ¼ 18:53 �h3 ¼ 24:98 �h3 ¼ 30:54 �h3 ¼ 36:35
�h4 ¼ 2:72 �h4 ¼ 3:02 �h4 ¼ 1:92 �h4 ¼ 1:87 �h4 ¼ 9:94
�h5 ¼ 71:92 �h5 ¼ 124:81 �h5 ¼ 137:57 �h5 ¼ 166:28 �h5 ¼ 187:48
�h6 ¼ 16:53 �h6 ¼ 24:13 �h6 ¼ 27:65 �h6 ¼ 34:91 �h6 ¼ 40:56

qj · 10�4 (W) q1 = 5505 q1 = 6169 q1 = 6897 q1 = 7331 q1 = 6734

q2 = 4565 q2 = 6299 q2 = 8291 q2 = 8802 q2 = 11568

q3 = 5343 q3 = 5843 q3 = 7119 q3 = 8140 q3 = 9009

q4 = 957 q4 = 946 q4 = 594 q4 = 556 q4 = 2625

q5 = 25,978 q5 = 41,736 q5 = 45,507 q5 = 53,818 q5 = 59,182

q6 = 4788 q6 = 6069 q6 = 6580 q6 = 7767 q6 = 8627

�h (W/m2 K) 21.49 33.04 38.1 45.46 53.37

Q · 10�4 (W) 47,139 67,085 74,987 86,413 97,746

gf 58% 54% 52% 51% 49%
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�m�
i ¼ �mi þ didik for i; k ¼ 1; 2; . . . ;N ð26Þ

where di ¼ �m�
i � �mi denotes the correction. The symbol

djk is Kronecker delta.
Accordingly, the new calculated temperature hcal;nj

with respect to �m�
i can be determined from Eq. (18).

Deviation of hcal;nj and hmea
j , enj , can be defined as
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enj ¼ hcal;nj � hmea
j for j ¼ 1; 2; . . . ;N ð27Þ

The finite difference representation of the derivative
ohcalj

o�mi

can be expressed as

xi
j ¼

ohcalj

o�mi
¼

hcal;nj � hcalj

�m�
i � �mi

for j ¼ 1; 2; . . . ;N ð28Þ

Substitution of Eqs. (24), (26) and (27) into Eq. (28) can

yield

xi
j ¼

enj � ej
di

for j ¼ 1; 2; . . . ;N ð29Þ

Substitution of Eq. (28) into Eq. (25) can obtain the new

expression of hcal;nj as

hcal;nj ¼ hcalj þ
XN
i¼1

xi
jd

�
i for j ¼ 1; 2; . . . ;N ð30Þ

where d�
i ¼ d�mi denotes the new correction for the

values of �mi.

Substituting Eqs. (24) and (27) into Eq. (30) gives

enj ¼ ej þ
XN
i¼1

xi
jd

�
i for j ¼ 1; 2; . . . ;N ð31Þ

As shown in Eq. (23), the error in the estimates

Eð�m1 þ D�m1; �m2 þ D�m2; . . . ; �mN þ D�mN Þ can be expressed

as

E ¼
XN
j¼1

ðenj Þ
2 ð32Þ

In order to yield the minimum value of E with respect to

the �mi values, differentiating E with respect to the new

correction d�
i will be performed. Thus the correction

equations for the �mi values can be expressed as

XN
j¼1

XN
k¼1

xi
kx

j
kd

�
j ¼ �

XN
j¼1

xi
jej i ¼ 1; 2; . . . ;N ð33Þ

Eq. (33) is a set of N algebraic equations for the new cor-

rections. The new correction d�
i can be obtained by solv-

ing Eq. (33). Furthermore, the new estimated heat

transfer coefficients can also be determined. The above

procedures are repeated until the values of
hmea
j �hcalj

hmea
j

��� ���,
j = 1,2, . . . ,N, are all less than 10�4.
4. Experimental problem

The present experiments were conducted in an in-

duced open wind tunnel as shown in Fig. 2 of Ref.

[16]. This setup is based on ASHRAE 41.2 standard

[17]. The ambient temperature was controlled by an

air-ventilator that can provide a cooling capacity up

to 21.2 kW. The ambient airflow was driven by a

3.73 kW centrifugal fan with an inverter to provide var-

ious inlet velocities. The airflow measuring station is an
outlet chamber setup with multiple nozzle based on

ASHRAE 41.1 standard [18]. The frontal air speeds ran-

ged from 0.3 to 6.5 m/s. The air temperatures at the inlet

and the exit zones across the test section were measured

by two psychometric boxes, which are constructed based

on ASHRAE 41.1 standard [18]. The working medium

in the tube was the hot or chilled water. The water tem-

perature was controlled by a thermostat reservoir. The

inlet temperatures of the hot and chilled waters were

controlled at 75 �C for the dry condition and at 7.0 �C
for the wet condition, respectively. Both the inlet and

outlet temperatures of the water were measured by two

precalibrated RTDs. Their accuracy was to within

0.05 �C. The tube temperature To in the present study

is assumed to be the average of the inlet and outlet water

temperatures. The water volumetric flow rate was mea-

sured by a magnetic volume flow meter with 0.002 l/s

resolution. For the present problem, the flow and ther-

mal fields in the previous works were often assumed to

be symmetric. In order to investigate the reliability of

the above assumption and the effect of the thermocouple

locations on the average heat transfer coefficient and the

fin efficiency, the irregular arrangement of the thermo-

couples welded on the fin is chosen. Thus the fin heat

transfer area is divided into six regions due to the con-

sideration of the flow pattern. Regions 2 and 5 respec-

tively are the wake fin area and upstream fin area.

Regions 4–6 are the leading edge area of the fin. In order

to estimate the average heat transfer coefficient on each

sub-fin region, six K-type thermocouples are welded at

the suitable positions of the sub-fin region. These six

K-type thermocouples for the measurements of the fin

temperature are respectively welded at (0.9,0.25), (0.9,

0.5), (0.9,0.75), (0.15,0.3), (0.15,0.6) and (0.15,0.9). It

can be observed that the first and third thermocouples

are symmetric with respect to y = L/2. The diameter of

the spot sizes of these six thermocouples is about

1.2 mm. The readings of the thermocouples used to mea-

sure the fin temperatures are recorded when the steady-

state condition has reached. All the data signals were

collected and converted by a data acquisition system

(a Yokogawa Hybrid Recorder DR 240). The data

acquisition system then transmitted the converted sig-

nals through a GPIB interface to the host computer

for further operation. During the experiments, the inlet

water temperature was held constant. In general, the en-

ergy balance between the air side and the tube side was

±3% for dry coils and ±7% for wet coils.

The circular tube with an outer diameter of 40 mm

and 2 mm in thickness and the tested plate fin with

100 mm in length, 100 mm in width and 2 mm in thick-

ness are made of AISI 304 stainless material. It can be

found from Ref. [16] that the thermal conductivity of

AISI 304 stainless material is 14.9 W/m K. As shown

in Ref. [19], the ‘‘insulated tip’’ assumption is a good

approximation when the actual heat flux passed through
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the tip is negligible relative to the total heat flux drawn

from the base wall. For simplicity, the average heat

transfer coefficient on the tip surface can be assumed

to be the same as that on the lateral surfaces of the

fin. On the other hand, the ‘‘insulated tip’’ assumption

will be reasonable provided that the surface area of the

fin tip is very smaller than the total fin surface area.

Their ratio for the present study can be written as
2dL

ðL2�pr2
0
Þþ2dL

. Based on the experiment data given in the

present study, the surface area of the fin tip is only

4.37% of the total fin surface area. This implies that

the heat flux passed through the fin tip can be neglected

in the present study. Thus Eqs. (2) and (3) in the present

study should be the reasonable assumptions. In this

study, the Reynolds number Red is defined as Red = Vair-

do/m, where Vair, do and m denote the frontal air speed,

the outer diameter of the circular tube and the kinematic

viscosity of the air. This implies that the Red value

ranges about from 2500 to 13,000. It can be seen from

Ref. [8] that the airflow in the present problem can be-

come turbulent for Vair = 4 m/s. The values of

Tmea
1 ð0:9; 0:25Þ, Tmea

2 ð0:9; 0:5Þ, Tmea
3 ð0:9; 0:75Þ, Tmea

4 ð0:15;
0:3Þ, Tmea

5 ð0:15; 0:6Þ and Tmea
6 ð0:15; 0:9Þ respectively de-

note Tmea
1 , Tmea

2 , Tmea
3 , Tmea

4 , Tmea
5 and Tmea

6 . These temper-

ature measurements for various frontal air speeds under

the given conditions of the tube temperature To and the

ambient temperature T1 are shown in Tables 1 and 2.

Tables 1 and 2 also show the effect of the frontal air

speed Vair on the average heat transfer coefficient on

the jth sub-fin region �hj, heat flux on the jth sub-fin re-

gion qj, total heat flux on the whole plate fin Q, the aver-

age heat transfer coefficient on the whole plate fin �h and

the fin efficiency gf. An interesting finding from Tables 1

and 2 is that the Tmea
1 value does not equal the Tmea

3

value. This phenomenon can result from that the wavy

flow behind the tube has become turbulent and random

in motion. Thus the symmetric assumptions of the flow

and thermal fields are not always very reasonable for the

present problem. In addition, it can be found from Ta-

bles 1 and 2 that the fin temperatures on the downstream

fin region are markedly higher than those on the up-

stream region for various air speeds under the given con-

ditions of To and T1. Due to the blockade of the tube,

the maximum heat transfer coefficient and heat flux

occur on the upstream fin region. This implies that

Region 2 makes a big contribution to the whole heat

transfer coefficient. This higher heat transfer coefficient

also becomes large as the value of ‘‘To � T1’’ is

increased. It is expected because the higher value of

‘‘To � T1’’ will induce the higher heat removal rate. In

general, the average heat transfer coefficient is very low

on the back surface of the tube or on the downstream

fin region, as shown in Tables 1 and 2. On the other

hand, there exists a low-performance wake region be-

hind the tube. Evidently, Region 2 contributes a little

to the heat transfer performance of the heat exchanger.
Therefore, in order to enhance the overall heat transfer,

it is worth to find a way to increase heat transfer in the

region 2. This may lead to design a heat exchanger with

a high heat transfer performance. The ratio of the aver-

age heat transfer coefficient in the front region �h5 to that

in the wake region �h2 at Vair = 1 m/s is up to 10 times for

DT = 34 �C (To = 59.6 �C and T1 = 25.6 �C) and is 7

times for DT = 43 �C (To = 69.5 �C and T1 = 26.5 �C),
where DT = To � T1 is defined as the temperature dif-

ference between the tube temperature To and the ambi-

ent temperature T1. As stated by Rosman et al. [6], the

heat transfer coefficient is very low on the back surface

of the tube and is much higher in the entrance than in

the wake region. The ratio of the heat flux in the front

region q5 to that in the wake region q2 at Vair = 1 m/s

is about 8.2 times for DT = 34 �C and is about 5.7 times

for DT = 43 �C. It can be observed from Tables 1 and 2

that the average heat transfer coefficient on the forth

sub-fin area �h4 is smaller than that on other sub-fin

areas. The occurrence of this phenomenon may result

from the error of the temperature measurements, its

corresponding thermocouple position located at the

interface between the forth sub-fin region and the fifth

sub-fin region and other uncertain experimental fac-

tors. The �h value for DT = 43 �C is approximately 33%

greater than that for DT = 34 �C at Vair = 5 m/s. How-

ever, the Q value for DT = 43 �C is up to 61% greater

than that for DT = 34 �C at Vair = 5 m/s. Thus the effect

of DT on �h and Q is not negligent. The results in Tables 1

and 2 show that the wake downstream region of a

one-tube finned-tube heat exchanger in the range of

Vair = 1–5 m/s is responsible for 6–16% of the total heat

flux on the whole plate fin when DT = 34 �C and for

9–12% when DT = 43 �C. It can be found from the work

of Rosman et al. [6] that the wake downstream region of

the tube row is responsible for 13–14% of the total heat

transferred by the fin. Obviously, the present estimates

agree with those of Rosman et al. [6]. Figs. 4 and 5

respectively show the effect of the frontal air speed Vair

or the Reynolds number Red on the average heat trans-

fer coefficient on the whole plate fin �h and the fin effi-

ciency gf. The smoothing straight lines are applied to

match the data points of �h� V air and gf � Vair. The

functional forms of these straight lines can be obtained

by using the least-square fitting method of experimental

data and are expressed as

�h ¼
5:962V air þ 11:748 for DT ¼ 34 �C

7:618V air þ 15:438 for DT ¼ 43 �C

�
ð34Þ

and

gf ¼
�0:0265V air þ 0:6283 for DT ¼ 34 �C

�0:0227V air þ 0:5956 for DT ¼ 43 �C

�
ð35Þ

It can be observed from Figs. 4 and 5 that, at the same

air speed, the average heat transfer coefficient �h increases
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with the DT value and the fin efficiency decreases with

increasing the DT value. However, the effect of DT on
�h and gf did not obviously be shown in the works of

Rosman et al. [6] and Ay et al. [7]. In addition, the aver-

age heat transfer coefficient �h also increases with the Vair

value or Red. The �h value in the range of Vair = 1–5 m/s

increases from 17.76 W/m2 K to 41 W/m2 K for DT =

34 �C and increases from 21.5 W/m2 K to 53.4 W/m2 K

for DT = 43 �C. It can be found from the work of Ay

et al. [7] that the �h value increases from 17.8 W/m2 K
to 20 W/m2 K at Vair = 1 m/s for the plate finned-tube

heat exchangers with the in-line tube arrangements. It

is obvious that the present estimates of �h agree with

those of Ay et al. [7]. The fin efficiency gf in the range

of Vair = 1–5 m/s decreases with increasing the Vair value

or Red. The gf value decreases from 60% to 50% for

DT = 34 �C and k = 14.9 W/m K and decreases from

58% to 48% for DT = 43 �C and k = 14.9 W/m K. It

can be found from the work of Rosman et al. [6] that

the gf value for the one-tube row configuration decreases

with increasing the Reynolds number and decreases

from 81% to 61% for k = 62 W/m K and from 92.4%

to 82.7% for k = 202 W/m K. These results show that

the gf value also decreases with the thermal conductivity

of the tested material. Thus, it is reasonable that the

present estimates of gf are smaller than those given by

Rosman et al. [6].

Once the average heat transfer coefficient on each

sub-fin region can be obtained, the temperature distribu-

tion on the whole plate fin can also be determined from

Eq. (18). Figs. 6 and 7 show the calculated temperature

distributions on the whole plate fin for DT = 34 �C
(To = 59.6 �C and T1 = 25.6 �C) and various air speeds.

The calculated temperature distributions on the fin for

DT = 43 �C (To = 69.5 �C and T1 = 26.5 �C) and vari-

ous air speeds are shown in Figs. 8 and 9. It can be ob-

served from Figs. 6–9 that there is a considerable

temperature drop between the tube wall and the edge

of the plate fin owing to the poor thermal conductivity

of the steel fin. The fin temperature distributions obvi-

ously depart from the ideal isothermal situation and

the fin temperature decreases more rapidly away from

the circular center when the frontal air speed increases.



Fig. 7. Distribution of the calculated fin temperature for To =

59.6 �C, T1 = 25.6 �C and Vair = 5 m/s.

Fig. 8. Distribution of the calculated fin temperature for To =

69.5 �C, T1 = 26.5 �C and Vair = 1 m/s.

Fig. 9. Distribution of the calculated fin temperature for To =

69.5 �C, T1 = 26.5 �C and Vair = 5 m/s.
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Owing to the above phenomenon, the fin efficiency de-

creases with increasing the frontal air speed or the Rey-

nolds number.
5. Conclusions

The present study proposes a numerical inverse

scheme involving the finite difference method in conjunc-
tion with the least-squares method and the experimental

fin temperatures at six measurement locations to esti-

mate the unknown heat transfer coefficients on six sub-

fin regions, the average heat transfer coefficient on the

whole plate fin �h and the fin efficiency gf for various

air speeds under the given conditions of the tube tem-

peratures To and the ambient temperature T1. The esti-

mated results show that the fin temperature distributions

depart from the ideal isothermal situation and the fin

temperature decreases more rapidly away from the cir-

cular center, when the frontal air speed increases. The

average heat transfer coefficients are very low on the

back surface of the tube. The ratio of the average heat

transfer coefficient in the front region to that in the wake

region can be up to 10 times under the given conditions

of Vair, To and T1. The �h value increases with the fron-

tal air speed Vair. However, the gf value decreases with

increasing the Vair value. The greater the DT value is,

the greater the �h value is and the smaller the gf value
is. It is worth mentioning that the effect of the tempera-

ture difference between the tube temperature and the

ambient temperature on the �h value and the total heat

flux on the whole plate fin is not negligent.
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